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This paper covers the development and application of a modal interaction analysis (MIA)
to investigate the plane wave transmission characteristics of a circular cylindrical sandwich
shell of the type used in the aerospace industry for satellite launch vehicles. The model is
capable of handling many high order structural and acoustic modes, and can be used to
investigate the sensitivity to different structural stiffness configurations, angles of incidence,
damping and cavity absorption. The model has been developed to predict the structural
response and transmitted noise when a number of discrete masses are applied to the shell.
The study presented considers a set of cases where blocking masses, having a total weight
equal to 8% of the cylinder weight, are attached to the cylinder. The simulations carried out
show a substantial reduction of the sound transmission in many of the first 15 one-third
octave frequency bands (frequency range 22-4-707 Hz). The blocking masses act on the
shape of the cylinder normal modes and their orientations with respect to the plane of the
incident wavenumber vector. In particular, the circumferential re-orientation reduces the
coupling between the incident acoustic field and the structural modes of the cylinder. The
modification of the structural mode shapes, both in axial and circumferential directions, also
reduces the coupling between the cylinder modes and the acoustic modes of the interior.

Simulations show the effect of the number of structural and acoustic modes included on
the calculated frequency response, and indicate the number necessary for an accurate
prediction of the resonant and non-resonant sound transmission through the structure. In
particular, the effect of neglecting off-resonance acoustic and structural modes is
investigated. It is shown that restricting the acoustic and structural modes to those having
natural frequencies within an interval of + 40 and + 60 Hz, respectively, of the excitation
frequency produces acceptably small errors in the transmission estimate. The simulations
also show that in order to represent accurately the coupling effect between the structural and
acoustic modes, for each acoustic mode of order m,, n,, p, (axial, circumferential and radial
order, respectively), it is necessary to account only for the structural modes with ny = n, and
ms=m, + o with o =1, 3, 5,..., % It is found that the time required to compute the
sound transmission in a frequency range of 0-3123 Hz, using the minimum number of
acoustic and structural modes required to compute an accurate response at each frequency,
is 3% of that necessary for the computation of the full response using all the structural and
acoustic modes with natural frequencies within the frequency range considered in the
analysis.

© 2001 Academic Press

1. INTRODUCTION

The assessment of the relative contribution to the transmission of sound by resonant and
non-resonant cylindrical shell vibration is an important and complex problem. Various
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models have been developed to analyze and predict the acoustic behaviour of aircraft
fuselages, the effect of resonances, and the divergence from mass-law transmission [1]. In
many applications, the external acoustic field is assumed either to be diffuse, or is plane and
incident upon the structure at a specified angle and direction. The structure, if stiffened, may
be analyzed using a Rayleigh—Ritz formulation for its modal characteristics [2]. Koval [3]
investigated the transmission loss (TL) of an infinitely long isotropic thin cylindrical shell as
a function of curvature, flow and pressurization effects. He observed total scattering and
zero transmission as a function of flow speed and internal and external speed of sound. The
transmission loss exhibited minima at the ring frequency and at the critical frequency of the
structure. Below the ring frequency, the cylinder resonances were found to affect the
transmission loss, and between the ring frequency and critical frequency the shell was found
to follow mass-law behaviour. Barbe et al. [4] used the analytical and numerical model
developed by Koval to investigate the effect of the zeros of the circular cylinder impedance
and explained why a change of slope and dips are observed in the transmission loss curves
at about the ring frequency. Blaise et al. [5] compared the transmission losses caused by
diffuse field excitation and normally incident plane wave excitation. Koval [6] also
analyzed the transmission loss of an infinitely long orthotropic thin cylindrical shell. Blaise
et al. [7] extended Koval’s studies to the case of plane acoustic waves with two independent
angles of incidence in order to calculate the diffuse field transmission coefficient. Blaise and
Lesueur [8-10] have derived expressions for the acoustic transmission through 2-D and
3-D orthotropic multi-layered infinite cylindrical shells.

Statistical models and techniques have also been used to estimate the sound power
transmitted into cavities [11]. Where only few modes of the structure and the cavity are
resonant in a frequency range of interest, the energy flow between the individual structural
modes and the acoustic modes of the cavity is analyzed using the assumption of weak
coupling. In this case the sound transmission is analyzed using the assumption that the
natural frequencies and mode shapes of the structural modes are similar to the in vacuo
modes. The analysis allows for well-coupled modes in terms of closely spaced resonance
frequencies of the structural and acoustic modes and calculates band-averaged power into
the internal acoustic space. Reference [11] forms the basis of the analysis for the present
study, but the restriction of averaging the results over frequency bands is removed and
allows the effect of the sensitivity to frequency matching to be considered. Further
development of this form of analysis by Pope and Wilby [12] considered the transmission
of sound into non-resonant acoustic modes within a frequency band by evaluating
the band-averaged response of these modes in addition to that of the resonant acoustic
modes.

Structural modification is one approach to changing the transmission loss. The effect of
increased damping [13] is to reduce the resonant structural response; this is observed to
raise the minima in the transmission loss at the resonances and also at the ring and
coincidence frequencies. Some benefit in the mass-law controlled region is also observed.
Longitudinal stiffeners [14] appear to increase the cylinder transmission loss in the
mass-controlled region but with a consequence of dips at the stringer resonances. Dowell
[15] considered a double-wall cylindrical structure subject to the acoustic field, generated
by a propeller, which was expressed as a summation of circumferential waves. Benefits are
achieved if the inner shell is stiffer than the outer, so that it has smaller displacements, and if
the natural frequencies of the shells are separated (detuned). If the shells are fairly similar in
properties then they can be well coupled through the intervening fluid which can result in
greater transmission of noise. Aerospace structures of composite and sandwich construction
can be similarly analyzed in terms of the structural modes [16, 17], although the results
presented in reference [ 17] are for a composite with a soft viscoelastic core which introduces
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significant structural damping. The present study concentrates on the analysis of cylindrical
sandwich shells with a stiff core, as used for spacecraft launcher construction, and the
possibility of noise control by mass changes.

Analytical models based on a modal expansion of the structural and acoustic fields have
been developed and applied to the investigation of noise in a propeller driven aircraft
[18-20]. Three different models of sound transmission through the fuselage of an aircraft
are available, depending on the frequency range of the problem being considered [21]. At
low frequencies, when the longitudinal and circumferential wavelength of the fuselage skin
flexural vibrations are longer than the stiffeners spacing (ring frames and stringers), the
sound transmission into the cabin may be calculated using a “smeared” shell model. This
type of model represents the sound transmission through the fuselage considered as an
equivalent orthotropic cylindrical skin whose dynamics incorporate the mass and stiffness
effects of the stiffeners. Alternatively, one can analyze a monocoque shell with rings and
stiffeners treated as discrete structural elements. For higher frequencies, in the
low-intermediate frequency range, the vibrations of the frames become less important so
that only the effects of the fuselage skin and longitudinal stringers need to be considered in
the calculation of the noise transmission of a fuselage section between two adjacent
frames. For relatively high frequencies the dynamics of the stringers no longer strongly
affect the fuselage skin vibration. In order to calculate the noise transmission it is then
necessary to consider only a section of the fuselage skin confined between two adjacent
frames and two adjacent stringers. A statistical energy approach is then appropriate as the
number of modal contributions is high and individual modal couplings cannot be
individually formulated. Instead, the averaged coupling and response is calculated in
frequency bands [1].

The study presented here considers the acoustic response of a honeycomb cylindrical
shell, filled with air, which is externally excited by a plane acoustic wave. In particular, the
effects of blocking masses placed on the surface of the cylinder is investigated in order to
assess the possibility of reducing the external coupling (acoustic plane wave
excitation—cylinder response) and internal coupling (cylinder vibration—cavity response)
of the system. The goal is to reduce the sound transmission to the interior of the cylinder.
For the purposes of this study a model has been developed which is valid in the
low-intermediate frequency range and allows the steady state acoustic response of the
cavity to be calculated at discrete frequencies for harmonic external plane waves of
unit amplitude. In this way, the noise reduction for one-third octave bands has been
evaluated.

The noise reduction evaluated for the reference case of the cylinder without masses is
compared with the noise reduction of a set of cases where the cylinder is modified by the
addition of a set of blocking masses. The dimensions of the cylinder and the geometrical and
physical properties of the honeycomb wall have been selected with reference to a scale
model of the payload section of the ARIANE 5 launcher. The effects produced by the
blocking masses, on both the external and internal coupling, are then analyzed in detail by
considering the mode shapes of the cylinder with masses.

The effect of the number of acoustic modes (“acoustic flagging”), or structural modes
(“structural flagging” and “coupling flagging”), selected to compute the response at each
discrete frequency is also assessed. A reduction of the number of acoustic and structural
modes taken into account in the modal formulation gives considerable advantages in terms
of computational speed. Cacciolati et al. [22] first considered the possibility of reducing the
computational time required to calculate the sound transmission to the interior of
a cylinder with the modal method. They proposed to select the structural and acoustic
modes with strongest coupling either in the frequency or spatial domains.
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2. MATHEMATICAL MODEL AND ANALYSIS

The method used in this study is modal interaction analysis (MIA) [23]. It is based upon
a circumferential and axial decomposition of the external noise field, a modal description of
the fairing modelled as a honeycomb sandwich cylindrical shell, and a modal description of
the interior acoustic cavity. Dissipation and radiation damping of the shell are included
and, in addition, one can represent the case when the internal volume is partly filled by
a payload. This form of analysis is more appropriate than statistical energy analysis (SEA),
since the restriction to diffuse external acoustic fields is not necessary, and the frequency
region of most concern, where there is low modal overlap, can be investigated in detail. In
addition, development of the method can allow for mass non-uniformity, which thereby
perturbs the natural frequencies of the structure and also causes the structural modes to be
modified, thereby altering the coupling to the external sound field.

The main assumption of the analysis is that the coupling between the interior acoustic
cavity modes and the shell structural modes is weak. The fully coupled equations of
motion of the acoustic and structural modes are replaced by simplified uncoupled
equations that express the response of the in vacuo structural modes and the response
of the acoustic cavity modes to excitation by the structural motion [15, 24]. This
approximation yields maxima in the response near the uncoupled mode resonance
frequencies instead of at frequencies corresponding to the resonance frequencies of the
coupled system, although the assumption is reasonable when the internal acoustic
resonances are well damped [15].

Due to the simple cylindrical geometry, the modes of the uniform shell and interior cavity
have sinusoidal/cosinusoidal circumferential variation of integer orders n, and these modes
are orthogonal for mode pairs of different order. Simple spatial selection occurs such that
structural modes of circumferential order ng will only contribute to the internal acoustic
field of the same circumferential order n, = n,. This selectivity is not available when the shell
becomes non-uniform as each mode of the shell can possess a circumferential variation
composed of a number of different circumferential orders, as in a Fourier expansion.

The MIA formulation can be further simplified by selecting at each frequency a subset of
the modes with natural frequencies within the frequency range considered in the analysis.
For example the noise transmission at each frequency can be calculated by taking into
account only the structural and/or acoustic modes with natural frequencies close to the
frequency considered, although this is not necessarily accurate.

Figure 1 shows the idealized model excited by an external incident acoustic plane wave
having a wavenumber vector at an angle ¢; to the cylinder axis and 6; in the azimuthal
direction. The blocked pressure field is calculated on the cylinder surface using a diffraction
model. The incident field is decomposed into a series of cylindrical components relative to
each circumferential structural mode of order n,. Each of these components is a function of
frequency termed the “scattering coefficient” for circumferential order n,. The generalized
forces acting on the uncoupled, in vacuo structural modes of the cylinder are then evaluated.
The response of the shell, in terms of these structural modes, is calculated and then the
response of the interior acoustic cavity, in terms of the uncoupled acoustic modes, is
calculated from the shell motion acting at the boundary of the acoustic volume.

The analysis, based on references [23, 24], expresses the shell response and interior
acoustic cavity response in terms of the in vacuo structural modes ¥, = ¥,,,,. and uncoupled
interior cavity modes @, = @, ,,.,.., for the fluid in the cavity with rigid boundaries. The shell
response is represented by the summation ) ,w,¥,, while the interior pressure is
represented by > ,p,®, where w, and p, are the modal displacement and pressure
generalized co-ordinates respectively. Substituting the modal terms into the in vacuo
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Figure 1. Co-ordinate system of the model.

equations of motion of the structure and the fluid, multiplying by the corresponding mode
shapes and applying orthogonality of the modes, the following modal equations for the
structure and the fluid are obtained [23, 247:

.. S F,
Wy +(Ur%wn:xzppcnp+/177 (1)
n p n
2 2
. pc*S . oc*Q
Dy + wz%pp = </1—> Z Wncnp + A p, (2)
D n 14

where F, is the generalized force acting on the cylinder surface, o, is the natural frequency of
a cylinder mode, C,,, is a dimensionless coupling coefficient, S is the cylinder surface area, 4,
is the normalization (generalized mass) for the modes of the cylinder, w, is the natural
frequency of an acoustic mode, p is the mean density of the fluid, ¢ is the speed of sound in
the fluid, 4, is the normalization (generalized mass) for the modes of the acoustic cavity and
0, is the generalized acoustic source strength, if any, in the cavity.

The details on the calculation of the natural frequencies and mode shapes, of the structure
and the internal fluid, and the derivation of the forcing terms and coupling terms are
presented in the following sections. Where the structure is non-uniform, the mode shapes
are themselves given by a series summation and each term in the series can be coupled to the
appropriate external and internal acoustic fields by equations (1) and (2) above.

2.1. CALCULATION OF THE NATURAL FREQUENCIES AND NATURAL MODES OF A UNIFORM
HONEYCOMB CYLINDER

The simplest cylindrical sandwich shell, supported on shear diaphragm ends, has modes
that can be described by three components of displacement (radial, axial and tangential)
and two rotations. The external acoustic field excites the cylinder in bending. Bending wave
motion is characterized by both radial displacement, w(r, 0, t), and angular displacements,
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0.(r, 0, t) and 0,(r, 0, t). However, the coupling between the cylinder and the fluid in the
cavity is determined only by the radial vibration of the cylinder. Thus, only the radial
motion of the cylinder is considered. The radial displacement of the cylinder has
circumferential variation given by sinny and cosny, to allow for unspecified orientation,
and variation sin (m,nx/L) in the axial direction. Substituting for the functions of the five
components of displacement into the boundary conditions at the ends of a cylinder of length
L produces five equations for modes of order (mq, n,) that satisfy the following matrix
equations which can be assembled in an eigenvalue form:

Ax; = A;Bx;, (3)
where
_)L,U- i Xyj
A 0 Xpj
A= Dowj s X =) Xy (- 4)
0 iexj Xoxj
L Loyj | Xoyj

”

Jij = Wpjs Ayj = OFjs Ayj = 0%y Aoxj = Wiy; and lg,; = wgy; are the jth natural frequencies
squared, equal to the eigenvalues, and x,;, X,;, X, Xoxj and X,,; are the jth natural mode
amplitudes, respectively, for the x, y, z, 0, and 0, degrees of freedom, equivalent to the
eigenvectors of the problem. Matrices A and B are given in reference [25]. The five modes
found for each particular (my, n,) pair correspond to modes that possess displacements with
both radial displacement, and in-plane displacement and also rotations. There is a selection
of the modes that are primarily radial as the other modes are either not excited or are at
much higher frequencies and are not of interest with insignificant radial components. The
selected modes are subsequently used in a series expansion in the following section.

2.2. CALCULATION OF THE NATURAL FREQUENCIES AND NORMAL MODES
OF A HONEYCOMB CYLINDER WITH ATTACHED POINT MASSES

The modes of the uniform sandwich cylinder are used in a Rayleigh-Ritz analysis to
include the effect of an additional number of discrete point masses. The potential energy of
the system is assumed to be unaltered by the mass, with changes only to the kinetic energy
of the system.

The displacement of the non-uniform shell is expressed in an approximate series form as

mx ) mX
A, COS N0 COS— A, Sin ng0 cos —
u(t) [P
s s . . mMTX . mMgTX
v@ = Y, ) Pun()) Businndsin— + Gonn (1)) B, cOS RO sin——— ¢, (5)
ms=1ns=0
w(t) . mgmX i . mMgTX
Conn, cOs 1,0 sin C o, SIn 1,0 sin

where mg and ng represent the structural modes with ng circumferential wavelengths and
my half-axial wavelengths, p,...., ¢.... are the generalized co-ordinates of the even and odd
modesin 0, A,,.,, B,...,and C,,,. are the relative contributions of the u, v and w displacements
in the “new” structural mode; finally u, v, w are the in-plane (axial), tangential and flexural



NOISE TRANSMISSION THROUGH CYLINDRICAL SHELLS 265

(normal to circumference) components of the mode. It is a necessary requirement to include
both even and odd functions in 0 to allow the “new” modes of the non-uniform shell to be
orientated circumferentially due to the non-uniform mass distribution.

The modes of the uniform shell are orthogonal which implies that the kinetic and strain
energy can be expressed in terms of diagonal mass and stiffness matrices as follows:

cyl *[P qT] [M] |:q] (6)
and
U = [p q']-[K]- [ ] (7
q

where p' = {pio, D115 -2 Pine P20s - Puy,) A0 q" = {G10.q11 - q1n, G200 -5 Duan, -
The attached discrete point masses contribute only to the kinetic energy. For a mass
my, attached at x = x; and angle 0 = 0,, with respect to incidence of external acoustic field
(ie., O, =0, — 0; as shown in Figure 1), the associated kinetic energy is given by the
following relation, assuming negligible rotational inertia:

mgmx; . macX;:
A, €OS N0, cOs——— A, sin g0, cos———
1 iR . . MTX; . MGTTX;
T =5 mc| ), Z Pongn (1)} Buyn, i 00 sin + Gnn, (1) Bnon, €OS 130y sin i
2 ms=1ng= /
. MTX; .  MTX;
Conn, COS N0, sin ——— Copn, Sin 10, sin ———

)

which, similar to equation (6), can be expressed as follows:
| p
= 306" 4" [Mk]-H, ©)
q
where the rows of the matrix [ M, ] are obtained by considering the coefficients relative to

the parameters pio, Pi1s--->PiN, P20 -+ s PuoN, @04 G105 G115 -++> 41N, G20 -+ 5 quy, 10 the
expressions derived by differentiating the total kinetic energy of the masses with reference

to time and to the parameters pig, Pi1s---sP1Ne P20s > ProN, ADA 10, G11s -5 1N,
d (0T,,
dt \0p1o

d
30T J0px)
= [M]. (10

d .
0T 2d10)

d (0T,
dr\Odurn,

4205 -+ > AM,N,-
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For example, the elements of the first row of the matrix [M,] are calculated as follows:

d (aT,,
dt\dp10

> =—*{M; pio+ - + M n1Pin, + Minc2D20+ - + My, + 1)Pun,

+ My mwv+v+1910 T 0+ My @y o+ 141N,
+ My +myv+ n+14z0 + 0+ Mioavg+ ndm, § €7 (11)

The equations of motion for the free vibration of the cylinder with masses is then given,
using Lagrange’s equations, as d/dt(0T,o,/0Pm,) + OUcy1/0Pmen, = 0 and d/dt(0T o, /0myn,) +
O0Uey1/0qm, = 0, with Typy = Toyy + Ty + Ty + -+ + T, in which case

[[M] +Y [Ma]-m + [K]- [Z’ ] 0, (12)

where the introduction of the point masses has resulted in coupled equations in the original
modal expansion. Assuming harmonic time dependence, exp(jwt), for the p,., and
dma, generalized co-ordinates, the natural frequencies w,, and corresponding normal modes
v, = {p. q.} are obtained by solving the characteristic equation given by

det<[K] — wfs[[M] +3 [mﬂ}) =0. (13)
K

The terms w,, and v, are called the ‘new’ natural frequencies and structural modes of the
cylinder respectively.

2.3. THE EXTERNAL FORCE ON THE CYLINDER DUE TO THE ACOUSTIC FIELD

The generalized force F, (w, ¢;) exciting each structural mode 7, is calculated for the case
of an incident plane wave acoustic field at a frequency w and with wavenumber vector at an
incidence angle ¢; to the axis of the cylindrical shell, and lying in the plane (x, §; = 0) [23].
The generalized force can be expressed as a sum of products of the scattering coefficients of
the acoustic field and an external coupling coefficient for a unit incident pressure amplitude
component with specified axial wavenumber and circumferential order.

The scattering coefficient g, (®, ¢;) of the circumferential cosine component of order ng of
an acoustic plane wave is [23]

'gnsjns +1
H;’ls(kZRe)

2

Oy, ((D, ¢1) =T

-6 G . 14
TR o, a0, B (14

wheree, = 1ifn, = 0,¢, = 2ifn; # 0, 6, (o, ¢;) = (2/nk.R,)| j™'/H, (k.R.)|,and H, (k.R.)
is the first derivative with respect to the argument of the Hankel function of the first kind
and nth order. (NB the scattering coefficient o, (w, ¢;) is dependent on the acoustic
wavenumber, k = w/c, and the normal wavenumber k. = ksin ¢;).

Figure 2 shows a set of nine curves for the scattering coefficients ¢, with ny, = 0-8. These
scattering coefficients have been calculated with reference to the uniform cylinder analyzed
in section 3 that has external radius R, = 1-7 m and length L = 5:6 m. The external acoustic
field consists of a plane wave with angle of incidence ¢; = 45°. The nine plots in Figure
2 suggest that, except for the breathing mode of order n, = 0, the scattering coefficient
behaves similar to a “low-pass filter” with a cut-off frequency that increases as the



NOISE TRANSMISSION THROUGH CYLINDRICAL SHELLS

267

1-0 1-0 1-0
n=0 n=1 n,=2
s
& os 05 05
2]
00 | 1 | 0.0 1 1 1 00 | 1 |
100 200 300 0 100 200 300 100 200 300
1-0 10 10
n=3 n,=4 n,=5
El
5 o5 os| 05
2]
00 1 1 1 0.0 1 1 1 0.0 1 L
100 200 300 0 100 200 300 100 200 300
1-0 1-0 10
n,=6 n=7 n=8
=
Eo 05 05 05
|22]
0-0 1 /I\ 00 1 1 1 0-0 1 /
0 100 200 300 0 100 200 300 0 100 200 300
Frequency (Hz) Frequency (Hz) Frequency (Hz)

Figure 2. Scattering coefficient as a function of frequency when the acoustic plane wave incidence angle is 45°
calculated for different values of nj.

circumferential modal order n, rises. The scattering coefficient is characterized by a smooth
peak close to the cut-off frequency and its amplitude gradually falls to zero as the frequency
tends to infinity.

The nine graphs in Figure 3 show the variation of the scattering coefficients with the
incidence angle of the external acoustic field, ¢; calculated at a frequency of 200 Hz. The
scattering coefficient o, (w, ¢;) for ngy = 0 varies with a “saddle function” from a maximum of
1 for ¢p; = 0° and 180° (grazing angles) and a minimum of about 0-4 for ¢; = 90°. For higher
circumferential modal order ng the saddle function is restricted to an increasingly smaller
angle range ¢, < ¢; < (180° — ¢,). For angles outside this band, ie., for ¢; < ¢, and
¢; > (180° — ¢,), the scattering coefficient is very low. The circumferential mode order
increases as the range becomes smaller and the maximum of the saddle function is also
reduced. For high enough values of ng, for example ny = 7, 8, ..., the saddle function of the
scattering coefficient falls off to a smooth peak, as can be seen in the lower graphs in Figure
3.

The excitation of the structural modes has been described by the external coupling
coefficient C5 (w, ¢;), for a unit amplitude pressure distribution on the cylinder surface,
O,,...,» that has axial wavenumber k, = k cos ¢; and circumferential order ny:

mgmx
=),

(15)

1 1 .
Cfnfﬁl,‘(wa ¢1) = S_ J‘S @m;n;(rsa ¢1) 'Pm;ns(rs) dSe = S_ JS Cos(nse)e_ﬂ(xx cos(nsﬁ) Si1’1<
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Figure 3. Scattering coefficient as a function of the incidence angle of the acoustic plane wave at a frequency of
200 Hz calculated for different values of n,.

The external field is assumed symmetric with respect to 0; = 0°, hence the excitation couples
into the cosine components of the structural mode ¥,,, only. Therefore, the external
coupling coefficient C55 (o, ¢;) is given by

mar [(= Iyre et 1
CEXt s Pi) = ‘ i
(0, §;) o, L2 [ kz — (mgm/L)?

(16)

where if ny = 0 then o, = 1, otherwise «,, = 2. In the particular case where k, = myn/L the
asymptotic value of the coupling coefficient C &, (o, ¢;) has been calculated by deriving the
indeterminate limit for k, — mgr/L with 'Hopital’s rule, so that Cy., (o, ¢;) = — j2a,..
Figure 4 shows a set of nine curves for the external coupling coefficients C g%, (@, ¢;) with
my = 1-9 and ng = 0. Also, in this case, the dimensions of the cylinder studied in section 3
have been used. The nine curves indicate that the external coupling coefficient behaves as
series of “band pass filters”. Indeed, the coupling coefficient is characterized by a series of
rounded peaks which are symmetric with reference to the vertical axis of the plot and whose
amplitude goes from zero at the frequency boundaries of each band filter f, + 4, to
a maximum at the centre frequency of each band filter f,. The maximum value of these peaks
is not constant. The band pass filter has maximum amplitude dependent upon the mode
number my. For my = 1, the higher peak is for the band pass filter with centre frequency
equal zero, f, = 0 Hz. The frequency for the peak maximum amplitude rises as the mode
number ny rises.

The nine curves in Figure 5 show the variation of the external coupling coefficients with
reference to the incidence angle of the external acoustic field ¢; calculated at a discrete
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Figure 4. External coupling coefficient as a function of frequency when the acoustic plane wave incidence angle

is 45° calculated for different values of mj.
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Figure 5. External coupling coefficient as a function of the incidence angle of the acoustic plane wave at
a frequency of 200 Hz calculated for different values of m;.
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frequency of 200 Hz. The external coupling coefficient function Ciyy, (@, ¢;) for mg =1 is
characterized by a smooth peak in an angle range ¢, < ¢; < (180° — ¢,), where ¢, =~ 60°,
with a maximum for ¢; = 90°. Outside the angle band of this “central peak” the external
coupling factor is characterized by a series of peaks which, however, are relatively small. As
the number of axial mode order mj rises, the number of smoothed peaks or ripples in the
angle band ¢, < ¢; < (180° — ¢,.) increases. For example, for m, = 4 there are four peaks
between 25° < ¢; < 155°. In general, the peaks with maximum amplitude are those
corresponding to the lower and higher angles of incidence. The others tend to have much
smaller peak amplitudes. In particular, for m, = 7, the external peaks occur for grazing
angles and the central peaks have particularly low amplitude indicating a small coupling
effect for angle of incidence close to normal. For higher axial mode orders there are no
“external peaks” and a series of relatively small internal peaks are obtained for
¢; =0° — 180°.

The contribution to the total generalized force F, (w, ¢;) in the r,th mode, due to the
m, and n, modal orders can be expressed as follows:

Frsmxns(wa ¢) = Secfn):fls(a)v (bi)prsmsnso-ns(wa ¢i)a (17)

where p, ..., 1 the relative amplitude of the (m,, n,) cosine component of the r,th mode. So
the total generalized force in the rith mode, summed over all of the components of the
external field, is

N My mgr [ (— 1)yme %L — 1]
Fr. , Qi) = 27TR2 O_-nx rsMshs . 18
(0.9 =2mRe ), G Y Py [ K= /Ly (1)

According to the limit derived for equation (16), when k, = myn/L the total generalized force
in the rith mode is given by F, (w, ¢;) = 2nR, nN:=0 6n52f:= 1 Pranan, ( —3/20t,)). In the specific
case of a cylinder without masses each new structural mode exactly corresponds to
a cylinder mode of order (mq, ny). In this case, the external excitation evaluated for a specific
new structural mode r,, that is, for a specific cylinder mode of order (m;, ny), is given by the
product of the scattering coefficient ¢, and the external coupling coefficient Cj,y, .
According to the plots shown above, the combination of the scattering and external
coupling factors produces a “filtering effect” where at each frequency and at each incidence
angle ¢; only a limited number of structural modes are actually well coupled to the external
acoustic plane wave. Indeed at certain frequencies, and for certain incidence angles ¢;, this
filtering effect can be so effective that even the few modes coupled to the external acoustic
field are actually weakly coupled. The idea explored in this paper of attaching blocking
masses on the cylinder in such a way as to modify the structural modes was also aimed at
reducing the response of these modes to the external field at certain frequencies.

2.4. CALCULATION OF THE UNCOUPLED SHELL MODAL RESPONSE T, (, ¢) FOR THE r,
MODE OF THE SHELL THAT HAS AN (m,, n) COMPONENT

For the general case with each mode of the shell expressed as a sum of circumferential and
axial orders, the response can be calculated using superposition of the response of the mode
due to the forcing in each individual (my, ny) component

., (19)

Trsmsns(w’ ¢) = |: L

F, Dymn, COS 150 F,. G, S0 150 :| . mMTX
Sin
2 2 : 2 2 :
Ars(wrs —w” + Jnmsnswrsw) A"s(w"s — o+ ]nmsnswrsw)
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where A4, is the modal mass which is given by

2
A, = J [ Z Z <p,s,,,s,,s cos ny0sin <mfx> + ramn, SN 150 80 (mfx>>:| ds;
ms=1ns=

PchR [(Pr 10+ P+ o+ PRao) + 1. (20)

Therefore, inserting d,. = p71o + Pr2o + =+ + Praro and using the normalization of the
modes:

27'CRiL Mcyl

A, =1 +06,)ph =(1+9,) 1

(21)

Nma, 18 the modal loss factor, including structural and acoustic (radiation) losses, which is
given by the following relations that are dependent upon wavenumber matching at
a particular frequency [23]:

2 2 2 2 2
(1) If <m”> +<"—> ><—°°’"S"-*> and if <”—> <<—‘“’"s"s>
L R; c R; c

= g+ 2)
(2) If <m£n>2 + <%>2 > (w,;,n>2 and if <%>2 > <w'g“’"“>2, i.e., below coincidence
Nomane = Mstr- (23)
on i)
= P+ 4

where M., = M.,,/S; is the mass per unit area of the cylinder with honeycomb wall. It is
possible to find the total response in an (m;, n,) structural distribution by summing over all
the ry modes, i.e.,

Rs F, Py mn. COS 1,0 F. q,mnsinngd . mgx
T (@, §) = [ Z (/1 (w2 PR + CR— sin .

Pt 2 — 0% 4 M@ ®) A (OF — O+ 1 1 ) L

(25)

The response in the (m;, ngth component can therefore be written in the form:

. . MGIX
T (@, ¢) = [ty cOs B0 + B, sSin nO] sin Ln , (26)
where
Rs

msns — Z rs CU 4) )prsmsns (27)

rs(wrs - w + .mmsns "sw)
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withmg=1,2,.... M and n;,=0,1,2,...,N,; and

ﬁ — i Frx(w: ¢i)qrsmsns
"2 AR = 0 i, 0r)

(28)

withmg=1,2,...,Mgand n,=1,2,...,N,. The «,,, and f,,, terms are equivalent to the
modal generalized co-ordinate in a particular (m,, ny) component, equal to the generalized
modal force multiplied by the equivalent modal receptance. It is preferable to consider the
response in this form as this can be coupled more straightforwardly to the internal acoustic
modes, rather than the structural response in terms of new modes and their corresponding
amplitudes.

2.5. COUPLING OF STRUCTURAL AND ACOUSTIC MODES

The calculation of the coupling factor Ci', ,...p. between the cavity acoustic modes of

order (m,, n,, p,) and the shell structural modes of order (m, n,) is given by the integral [23,
24]

Ci::nsmanapa = _J lpmxns(rs) ¢manapa(rs) ds, (29)
Si
which, for even circumferential modes (cosine component), gives

. 1
int T
Cmsmmunapu = § sin
iJSi

where J,, is the Bessel function of first kind of order n, and the coefficients 4,,, can be found
in reference [26]. For odd circumferential modes (sine component) equation (30) becomes

MTTX MTTX

cos nyb cos cos 1,0 J,,,(Apm) Rid0dz, (30)

m,mx

oty = = | SIN 2 i 1,0 CO8 — 0 i 1,0 J,, (Ap,n,) R; 0 dz 31)
Si Si L

with n,=0,1,....N;; n,=0,1,...,N;; my=1,2,.... M and m,=0,1,..., M,. Once the

integrals into equations (30) and (31) are calculated, the sine and cosine components can be

expressed as follows:

; (1/m)u=0 my
it = (= et — 1], 3
- {(1 o () 1 Gy ()
with ny=n,=0,1,2,...,N and
in 1 My Mg+ ms
Cm:ns:namanapa = <2TL’> mg — msz (_ 1) e 1] Jnu(/lpana) (33)

with ng=n, =1,2,...,N. The terms are equivalent except for the breathing modes of the
shell ng = 0, that only exist for the cosine component. If mg = m,, m, + 2, m, + 4,... then
Ci:l‘stma"apa =0

Table 1 shows the values assumed by the coupling coefficient C™ assuming J,,, (%) = 1.
This Table shows that for each acoustic mode m, the largest coupling term is given by the
two structural modes where m, = m, + 1 and m, — 1. In general, for any acoustic mode m,

the coupling coefficient is positive if m, > m, and it is negative if m, < m,. The largest
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TABLE 1

Internal coupling coefficient C™ assuming JnaAna,pa) = 1

My m,=0 my=1 my=2 my=3 my=4 my=5 my=6 my=7 my=8 m,=9
1 03183 0 —0-1061 O —00212 O —0-:0091 O —0-:0051 O
2 0 02122 0 —01273 0 —00303 0 —00141 O —0-0083
3 01061 0 01910 0 —0-1364 O —00354 0 —00174 0
4 0 00849 0 01819 0 —01415 0 —00386 0 —0-0196
5 00637 O 00758 0 01768 0 —01447 0 —00408 0
6 0 00546 0 00707 0 01736 0 —01469 0 —0-0424
7 00455 0 00495 0 00675 0 01714 0 —0-1485 O
8 0 00404 0 00463 0 00653 0 01698 0 —0-1498
9 00354 0 00372 0 00441 O 00637 0 01685 0

10 0 00322 0 00350 0 00424 0 00624 0 01675

coupling coefficients, given by my = m, + 1, converge, respectively, to + 1/2n as the
acoustic mode order m, tends to infinity.

2.6. CALCULATION OF THE ACOUSTIC RESPONSE OF THE CAVITY AS SOUND PRESSURE

The steady state harmonic response in the acoustic cavity mode @,,,,,, can be written in
the following way:

2
pac Si ¢m‘,nap;,

2 2 :
Ama"apu [wma"apu — o+ JODp,p, nmunupa]

pmanup,.(r’ 05 X, (,O) = Fm“napua (34)
where F,,.,, 1 the forcing term relative to the (m,, n,, p,) acoustic cavity mode and the
natural frequencies ,,,,,,, and acoustic modes @, ,, are given in Appendix A. The modal
mass Ayu,p, 15 given by

Ay, = Po J O3, (1 0, 9)dV, (35)
14

where the integral is calculated in Appendix A. The acoustic mode loss factor #,,,,,, can be
derived from the quality factor Q giving the ratio of the energy stored divided by the energy
dissipated per cycle so that [27]:

1 4 Wmanapa

Mmanape = 73 = > (36)
Y

Dmynapa

where Aw,,,,p, 15 the frequency bandwidth relative to the mode (m,, n,, p,). The frequency
bandwidth can be derived from the decay time using the following formula [27]:

22
nTe0

AOmnipe = (37
where T is the reverberation time which represents the time required for the sound energy
density level to decay by 60 dB from its initial value. The reverberation time is given by the
following expression [27]:

5525V,

= 38
60 cA s ( )
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where A is the absorption, V,,, = mR? L is the volume of the cylindrical cavity and c is the
speed of sound of the fluid in the cavity. Using equations (36)—(38) and assuming the fluid in

the cavity to be air at 20°C, the expression for the acoustic mode loss factor #,,,,,,, is found
to be
86-4cA
Nmanapa = . 39)
I/cavwmunalhx

The results presented in Section 3 have been derived assuming that the absorption of the
cylinder wall is given by A = 0-5 m? and assuming the fluid in the cavity to be air at 20°C so
that the speed of sound is given by ¢ = 343 m/s.

The forcing term, in equation (34), is given by the vibration of the cylinder in the (m;, ny)
component of the same circumferential order of the acoustic normal mode ®,,,,,.
Therefore, equation (34) reduces to

pac>Siw®  cos (mgnx/L) T, (2pn, R/R;)
Pmanapa(15 0, X, ) = 3 o
Apratsapa [a)manapa -+ wamanupﬁmanupu]

M  Rs

X Y Y (Omgn, COS M0 + B SINNO) C it €5 (40)

ms=0rs=1

with ny = n,. Note that this is the response of the pressure field with (m,, n,, p,) order. The
total pressure is summed over all cavity modes, i.e., the summation ) ) > Y 3 P_ is

introduced. Then the pressure at a point in the cavity can be written in the following way:

p(r, 0, x,0) = 0?p,c?S; Y, Y ), 2

3 .
m=0n,=0p,=0 manapa Pmanaps — O + wamanapanmanum]

Ms N P"[ cos (mgmx/L) 1, (Zpm, R/R;)
A

M,
X Y (g =y €OS 10 + Prons=n, sin 1,0)C i:,'f,,s_,,“m“,,“pa]ej“’t. (41)
ms=0

NB. .o (Cmn=n, €OS 1,0 + Byy,=n,sinn0) is of circumferential order n, and the
summation gives a result of the form [amplitude] cosn,(0 — ¢), where ¢ is the orientation of
the structural response in the n, order. For a uniform shell one would expect the structural
response to be orientated circumferentially to match the direction of the incident acoustic
field. Therefore, by altering the structure there is a possibility of minimizing the spatial
coupling.

3. CALCULATED NOISE REDUCTION

To assess the effect of mass addition and angle of plane wave incidence, it is appropriate
to evaluate the spatial and temporal mean square pressure in the cavity and the noise
reduction provided by the structure. The temporal mean square pressure in the cylindrical
cavity when the external excitation is harmonic is given by the relation

<p2(r5 t)>t:%|p(r7 (’U)|2 :%p*(l‘, (}J)p(l’, (,O), (42)

which, applying the spatial mean square evaluation, becomes

1 1 L p27 pR;
v = | HpolPar = | [ it ot o draods. @
14 0JO 0
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Using equation (41), the triple integral of equation (43) gives

A, ) _ (07 pac?S)? 1‘24‘? % i ¢1L(R}/2) 1,0~ 1 (Apuns)
s D) )Vols = 5,
W 205020 B (O, — O F O O]
2
XTC{CZ }’ (44)

where if m, = 0 then ¢; =1 and if m, # 0 then ¢; = 1/2. Also, if ny =0 then ¢, =2 and
c3=0and if ny #0 then ¢, =1 and ¢c5 = 1.
The parameter chosen to represent the sound transmission to the cylindrical cavity is the

noise reduction NR which is defined as follows, allowing for unit amplitude external
incident sound field [24]:

M

int
z Olmgns= naC Mshs = NaMalaPa
ms=1

2
+C3

M;
Z B C int
Mshs = Mg~ Mshs = NagMaNgPa
=1

NR(w) = — 101og;o({p* (X, )>vor)- (43)

The calculations have been performed both at discrete frequencies and for third-octave
frequency bands, to allow the influence of modal separation and overlap to be investigated
and to give an overall view of the sound reduction effects achieved with blocking masses.
The dimensions and physical properties of the cylinder considered have been selected with
reference to a 1:5 scale model of the payload fairing section of the ARIANE 5 launcher.
Table 2 summarizes the dimensions of the cylinder according to the notation shown in
Figure 1. Also, Table 2 details the thickness and physical properties of the two skins and
honeycomb core of the sandwich construction. The ring frequency is approximately 208 Hz.

The influence on the noise reduction has been investigated for an acoustic plane wave
incident at an angle of ¢; = 45° to the axis of the cylinder, the results at this angle being
indicative of the diffuse field performance [24].

The number of modes that are required in the calculation for the structural response and
cavity response has been investigated. Due to the higher structural modal density and the

TABLE 2

Geometry and physical properties of the cylinder with honeycomb wall

Parameter Value
Internal radius R;,=17m
Length L=56m
Thickness of outer faceplate t; = 0-88 mm
Thickness of inner faceplate t, = 0-88 mm
Thickness of core t; = 24 mm

Density of outer faceplate

Density of inner faceplate

Density of core

Young’s modulus along axial direction (skin)

Young’s modulus along circumferential direction (skin)
The Poisson ratio along axial direction (skin)

Shear modulus along axial direction (skin)

Shear modulus along axial direction (core)

Shear modulus along circumferential direction (core)
Structural loss factor

p1 = 1700 kg/m?
p, = 1700 kg/m3
p3 = 487 kg/m?

Eyy = Esyp = 663 10° N/m?
EIO = Ez() =204x 109 N/m2
Vix = Vox = 0-31
Grx = Gy = 12:410° N/m?
G, = 140 x 10° N/m?
G30 =80 x 106 N/m2
Nser = 001
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form of the external and internal structural-acoustic couplings, it is important to include
many non-resonant structural modes in the calculation of the response, whilst the number
of acoustic modes taken into account can be reduced to include only those whose natural
frequencies lie within a reasonable bandwidth about the frequency of the excitation being
considered. Results are given showing the sensitivity of these approximations.

3.1. SPECTRUM OF THE NOISE REDUCTION FOR THE CYLINDER WITHOUT MASSES

In this section the spectrum of the noise reduction for a cylinder without masses is
presented and analyzed. Figure 6 shows the noise reduction in a frequency range 0-353 Hz
for the uniform cylinder. According to the formulation for the sound transmission to the
cylinder interior described in section 2, there are two main factors that determine the
spectrum shown: first, the acoustic excitation of the cylinder (see section 2.3) and second, the
weakly coupled response of the cylinder and the air in the interior (sections 2.4-2.7). The
effectiveness of the second factor depends on the coupling between the cylinder and internal
cavity modes and the response of each structural and acoustic mode which actually
decrease as either the acoustic or structural mode is further and further off-resonance.

In Figure 6, the values of the frequencies where relatively low noise reductions are
achieved have been marked. Comparing these values with the calculated natural frequencies
of the uncoupled interior acoustic cavity (see Table 3) and the natural frequencies for the
uncoupled cylinder (see Table 4) it is evident that the majority of the minima are closely
related to natural frequencies of the interior cavity as indicated by the * symbols in Table 3.
Table 5 lists, in the first column, the eight minima frequencies marked in Figure 6. Columns
2 and 3 list, respectively, the closest cavity natural frequencies to each of the eight
resonances and the difference between the minima and acoustic natural frequencies
Afy = f — fuanapo- Columns 4 and 5 list, respectively, the cylinder natural frequencies that

50
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Figure 6. Noise reduction for the honeycomb cylinder without masses excited by a plane acoustic wave of unit
amplitude and incidence angle ¢; = 45°.



TABLE 3

Acoustic natural frequencies of the cylindrical cavity (Hz)

m, n, Pa Ja m, n, Pa Ja , n, Pa Ja , n, Pa Ja

0 0 0 0 7 0 0 2143 1 1 2 2758 9 1 1 324-4
1 0 0 30-6 2 5 0 2149 6 5 0 2760 2 2 2 3259
0 1 0 59-0% 0 2 1 2153 1 7 0 2771 8 2 1 326:1
2 0 0 612 1 2 1 2175 8 3 0 2796 0 0 3 3266
1 1 0 665 6 0 1 2211 2 1 2 280-8 1 0 3 3281
2 1 0 85-0%* 7 1 0 2223 9 1 0 281-8 6 1 2 3300
3 0 0 91-8 2 2 1 2238 2 7 0 2821 10 0 1 3300
0 2 0 980 0 0 2 2252 6 2 1 2830 6 7 0 3311
1 2 0 102-7 3 5 0 2255 4 3 1 2850 2 0 3 3323
3 1 0 109-2 1 0 2 2273 5 6 0 2854 8 0 2 332-8
2 2 0 1156 6 3 0 2279 3 1 2 2891 3 2 2 3330
4 0 0 1225 5 4 0 2293 3 7 0 290-3 4 8 0 3331
0 0 1 123-0 5 1 1 2296 6 0 2 2907 10 3 0 3346
1 0 1 126-7 2 0 2 2334 9 2 0 292-5 7 3 1 3349
3 2 0 134-3 3 2 1 2341 7 5 0 2973 5 4 1 3351
0 3 0 1349 7 2 0 2357 0 4 1 298-1 11 0 0 3368
4 1 0 1359 4 5 0 2396 8 4 0 2986 0 5 1 3379
2 0 1 1374 0 6 0 240-8 8 1 1 298-8 1 5 1 339-3
1 3 0 1383 1 6 0 2428 5 3 1 299-5 3 0 3 3393
2 3 0 148-1 3 0 2 2432 1 4 1 299-7 11 1 0 3420
5 0 0 1531 8 0 0 2450 4 1 2 3002 4 2 2 3427
3 0 1 1535 7 0 1 2471 4 7 0 301-4 2 5 1 3434
4 2 0 1569 4 2 1 2477 9 0 1 301-8 8 6 0 343-5
3 3 0 1632 2 6 0 248-5 6 6 0 3029 0 9 0 3439
5 1 0 164-1 6 4 0 2508 7 2 1 3038 9 5 0 3441
0 4 0 170-7 6 1 1 2511 2 4 1 304-3 1 9 0 345-3
0 1 1 1712 8 1 0 2520 10 0 0 3062 5 8 0 3455
1 4 0 173-4%* 7 3 0 2532 9 3 0 306-8 7 1 2 347-9*
4 0 1 1736 4 0 2 2564 0 8 0 309-7 4 0 3 3489
1 1 1 1739 5 5 0 2566 7 0 2 3109 7 7 0 3490
2 4 0 1814 0 3 1 2574 1 8 0 3113 2 9 0 3493
2 1 1 181-8 3 6 0 2578 10 1 0 311-8 9 2 1 3497

STTAHS TVOIIANITAD HONOYH.L NOISSINSNVYIL dSION
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TABLE 3

continued
m, n, Pa Ja m, n, Pa Ja my, n, Pa fa m, n, Pa Ja
5 2 0 181-8 1 3 1 259-2% 3 4 1 3119 6 4 1 3502
4 3 0 182-2 8 2 0 2638 5 1 2 3139 3 5 1 350-2
6 0 0 1837 5 2 1 2642 5 7 0 3151 10 4 0 3506
6 1 0 193-0 2 3 1 2645 2 8 0 3157 10 1 1 350-8
3 4 0 1939 4 6 0 2702 6 3 1 3162 11 2 0 350-8
3 1 1 194-2 5 0 2 272-3 8 5 0 320-1 5 2 2 354-8
5 0 1 1964 3 3 1 2733 0 2 2 3201 8 3 1 3553
5 3 0 204-0 7 4 0 2740 10 2 0 321-5 9 0 2 3559
0 5 0 2060 0 1 2 2741 1 2 2 3215 3 9 0 3560
1 5 0 208-2 8 0 1 274-1 4 4 1 3223 11 0 1 3586
6 2 0 2082 7 1 1 2743 7 6 0 322:4% 4 5 1 3594
4 4 0 210-1%* 0 7 0 275-4% 3 8 0 3231
4 1 1 2105 9 0 0 2756 9 4 0 3242

8LC
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TABLE 4

Structural natural frequencies of the uniform honeycomb cylinder (Hz)

mS nS f.; mS nS f; mS n) f; mS nb f; mS nS f.;

1 4 390 4 5 156:5 6 6 230-7 7 5 272-0 2 13 3153
1 3 417 3 3 1575 4 10 2322 4 0 272:2 8 4 3155
1 5 509 4 7 160-9 5 9 2328 2 12 2727 8 3 3206
1 2 668 2 9 162-1 2 11 2328 6 2 273-0 8 7 3224
1 6 70-3 4 4 171-5* 6 5 2332 7 7 277-7* 6 11 3250
2 5 771 4 8 1779 6 7 2360 7 4 277-8 8 2 3267
2 4 819 3 9 178-4 6 4 2427 5 0 279-0 3 13 3278
2 6 869 1 10 187-8 3 1 244-4 3 12 2857 5 12 329-4
1 7 94-4 5 6 1913 3 11 2465 6 1 2858 8 1 331-5%
2 3 104-8 5 5 1952 6 8 2489 7 3 2871 7 10 3332
2 7 106-3 2 10 1959 5 2 2515 7 8 290-3 8 0 3334
3 5 1162 4 3 1969 6 3 257-1%* 6 0 290-7 8 8 3351
3 6 1169 5 7 1969 4 1 259:0 5 1 2929 4 13 3457
1 8 1222 3 2 1983 5 10 260-4 6 10 294-3 8 9 3532
1 1 124-0* 4 9 2023 1 12 2653 7 2 297-4 1 14 3534
3 7 1295 5 4 208-2* 1 0 2656 4 12 304-6 9 4 3570
3 4 1296 3 10 2105 4 11 266-5 7 1 305-5 9 5 3576
2 8 132:0 5 8 2112 2 0 267-4 1 13 3081 9 3 3589
2 2 147-8 2 1 212-4 6 9 2686 7 0 308:6 6 12 3599
3 8 150-8 1 11 2251 3 0 268-8 7 9 3089

4 6 1531 5 3 2283 5 1 2711 8 5 3132

1 9 153-4 4 2 2289 7 6 2717 8 6 315-2%

STTAHS TVOIIANITAD HONOYH.L NOISSINSNVYIL dSION
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TABLE 5

Best external and internal coupling between acoustic and structural modes at the eight minima marked in Figure 6

08¢

Generalized force
F, (o, ¢;) calculated
for the structural

Internal coupling
coefficient C™ for
the structural mode

Acoustic natural Difference in (Hz) Structural natural Difference in (Hz)
frequency and mode between the minima frequency and mode between the minima
close to the minima and acoustic natural well coupling to the and structural

Frequency for
minimum sound
reduction index

f(Hz) Smnaps (HZ) frequencies acoustic mode natural frequencies  (mg, ny) of column 4  mode of column 4
Afu=f—foum Jmm, (H2) Afs =f— foum, and the acoustic mode at the resonance
alaPa sMs s
(Mg, ng, p,) of column 2 frequency of column 1
f1 =590 12(0,1,0) = 59-0 Afa1 =0 f(1,1) = 1240 Afyy = — 2044 Cim = 01852 |Fr~1.0l =026
f>» =870 fu(2,1,0) = 850 Afpr =—2 f(1,1) = 1240 Afyy = — 390 Ci = — 00617 |Fr o1 =012
f3 =173 f.(1,4,0) = 173-0 Afys = — 04 f4,4) =1715 Afyzs = — 19 Ci" = 00339 |Frna.4] =023
fa =210 fu(4,4,0) =210-1 Afes = — 01 f5(1,0) = 208-2 Afsa = — 19 Ci" = — 00085 |Fr 1.0 =022
f5 =260 fu(1,3,1) =259-2 Afys = + 08 J5(6,3) = 2571 Afys = 21 Cim = — 00159 |F, 6.3 =017
fs =275 £.(0,7,0) = 2754 Afas = — 04 £:(7,7) = 2777 Afye = — 23 Cim = 0-0015 |F, 7.7 =014
fr =321 fa(7,6,0) = 3224 Afyr = — 23 f4(8,6) = 3152 Afgr = — 62 Cim = —0-0093 |F, 56| =017
fs =347 fa(7,1,2) = 3479 Afig = — 09 f(8,1) = 3315 Afis = + 164 Cim = 00464 |F, 51| =014

TV L3 OINOJYVD 'd
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largely contribute to the sound transmission at each of the eight minima, as indicated by the
* symbols in Table 4, and the separation between the minima and cylinder natural
frequencies; Af; =f— f,.... These cylinder natural frequencies have been selected by
considering the effects of two factors. First, the best trade off between the internal coupling
coefficient C™ and the lower difference between the minima frequency and the natural
frequency of the cylinder Af; (column 5). As described in section 2.5 the best interior
coupling is given for m; = m, + 1 and decreases for higher odd values. Also, the greater the
difference between the minima frequency and the natural frequency of the cylinder, the
smaller is the off-resonance response of the cylinder mode selected. The second factor used
to select the natural frequencies of the cylinder takes into account the excitation of the
external acoustic field on each mode. Column 6 gives the internal coupling coefficient as
equation (33) with reference to the cavity acoustic mode order (m,, n, p,) and cylinder
structural mode order (my, ny) of the natural frequencies in columns 2 and 4 respectively.
Column 7 shows the generalized force F, (w) for the new structural modes rg corresponding
exactly to the cylinder structural mode (mg, ny) of column 4 (note that this assumption is
valid only in the case of a cylinder without masses).

Table 5 suggests that the most effective minima, f3 = 173, f5 = 260 and f3 = 347 Hz are
all characterized by a resonant acoustic mode and a resonant structural mode with
a relatively high internal coupling, C™, and generalized force, F, (w). For example, the
minimum at f3 = 173 Hz is characterized by the resonant acoustic mode m,, n,, p, = 1, 4, 0,
with Af, = — 0-4Hz, and by the resonant structural mode my, ny = 4, 4, with Af; = — 1-9 Hz,
that have an internal coupling factor C5" = 0-0339, and a generalized force | F, _ 4 4| = 0-23
at resonance frequency. The other minima that have been marked in Figure 6 are not as
effective as these three. The minima at f; = 59 and f, = 87 Hz are characterized by an
acoustic mode and a structural mode with relatively high coupling factor and generalized
force. However, the natural frequencies of the structural modes are well off-resonance (in
fact, Af;; = — 204-4 and Af;, = — 39-0 Hz) so that the sound transmission to the resonant
cavity is not as effective as for the other three resonant frequencies listed above. The minima
at f, = 210, fs = 275 and f,; = 321 Hz are characterized by acoustic and structural mode
pairs with natural frequencies close to the resonance frequency, however, they are not so
effective because their internal coupling factors are relatively small (in fact, Ci" = — 0-0085,
Ci" = 0-0015 and C = — 0-0093).

In general, it can be concluded that poor noise reduction occurs at frequencies where the
sound transmission is controlled by both a resonant acoustic cavity mode and a resonant
cylinder structural mode that are characterized by a good spatial coupling and an efficient
coupling with the external acoustic excitation. This type of conclusion has been derived in
an empirical manner rather than from a rigorous mathematical analysis, and therefore it
should be considered only as a general engineering guideline for the description of the
sound transmission mechanisms to the interior of a cylinder acoustic cavity.

Finally, it is important to note that the noise reduction shown in Figure 6 assumes
relatively small values that are even negative for frequencies close to the marked resonances.
This is because a relatively small value of the absorption coefficient A has been used in the
simulation so that in correspondence to frequencies close to the marked resonances the
average sound pressure of the air in the cylindrical cavity is higher than that of the external
plane wave incident to the cylinder.

3.2. MODAL EFFECT OF BLOCKING MASSES

The positions of the blocking masses attached to the cylinder have been chosen with
reference to the main sound transmission factors described in the previous section for the
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cylinder without masses, which are the acoustic excitation of the cylinder and the coupled
response of the cylinder and the interior cavity.

In section 2.2, it has been shown that the response of the cylinder with blocking masses is
characterized by a new set of natural frequencies f,, and normal modes ry consisting of
a linear combination of the modes of the uniform cylinder. Therefore, an appropriate choice
of the positions of the blocking masses can lead to a set of new structural modes r, which
cannot be efficiently excited by the external acoustic field and do not efficiently couple with
the cavity modes.

The external acoustic field, considered in this study, is assumed to be a plane wave with
wavenumber vector in the plane (x,0; = 0) so that, considering the circumferential modal
order ng, only the symmetric modes of the cylinder, with reference to 6 = 0°, are excited.
Figure 7 shows the first 48 mode shapes of the uniform cylinder. The odd columns contain
the symmetric modes while the even columns show the antisymmetric modes. The
symmetric modes have antinodal line, ie., maximum amplitude, for 0 = i(n/n,) with
i=0,1,...,2n, — 1. If, for example, a set of masses is aligned on the cylinder surface along
the axial direction 6,, = 0°, a new set of structural modes r is obtained that, as shown in
Figure 8, consist of the antisymmetric modes of the uniform cylinder and consist of
a entirely new set of mode shapes that in most cases have either a nodal line or a relatively
small amplitude for 0 = 0°. The mode shapes of Figure 8 correspond to the case where 14
masses of equal weight equal to W, = 1-43 kg are attached along the axial direction for
0,., = 0°and for x,, = L/2 + jL/16 withj = 1,2, 3,4, 5, 6, 7. The total weight of the 14 masses
is 20 kg, i.e., 8% of the cylinder weight which is 250 kg. Figure 8 shows that, except for a few
cases, the masses tend to pin the radial displacement of the cylinder along the axial line for
0 = 0° and many of the new cylinder modes are now close to being antisymmetric. The
modification of the mode shape in the circumferential direction is determined along the
whole length of the cylinder by the uniform distribution of masses along the axial direction.
As a consequence of these modifications brought to the cylinder modes, a lower coupling
coefficient is obtained between the external acoustic field and the cylinder vibration.

The new cylinder modes, shown in Figure 8, can also influence the effectiveness of the
coupling between the cylinder response and the cavity modes. In particular, the uniform
distribution of the masses along the length tends to modify the circumferential mode shapes
locally so that the coupling with the acoustic modes, having the same circumferential order,
is remarkably reduced. It is interesting to note that some of the new structural modes, as for
example the modes shown in row/column = 1/1, 1/3, 1/7, 2/5, 2/8, 3/5, 4/3, 5/2, 5/7 and 6/7,
have a relatively large portion of the cylinder surface which has very little deformation
amplitude. These modes cannot efficiently couple to the acoustic modes of the cavity which
are regular cosine or sine modes. Some of these modes have a peculiar form; for example, the
modes in row/column = 3/5 and 5/7 have almost no radial displacement along the whole
circumference except in the vicinity of the masses where large displacements are shown. In
this case the masses are not pinning the radial displacements at the positions where they are
attached. On the contrary, they are vibrating with large amplitudes which indicates that
they are storing most of the kinetic energy of the modal vibration which is balanced by the
strain energy given by the local and relatively large deformation of the cylinder (like
a vibration neutralizer).

The positions of the blocking masses on the cylinder discussed in this section have been
chosen with reference to the considerations described above and after a certain number of
trials where the masses have been attached on a set of configurations chosen intuitively. For
example, the effects of masses applied at 0,, = 30, 45, 60 and 90° have been considered. Also
different distributions of the blocking masses along the axial direction have been
investigated. This process of using intuitive rules, based on the observations of the sound
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Figure 8. First 48 normal modes of the uniform cylinder with 14 blocking masses as from case 4 of Table 6.
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transmission phenomena for the uniform cylinder described previously, and based on the
iterative learning process, has led to some conclusions about the ideal position for the
blocking masses. However, this study could be improved by developing an optimization
approach which would indicate particular geometrical positions for the blocking masses
that may give better results than those obtained in this study.

3.3. SPECTRUM OF THE NOISE REDUCTION FOR THE CYLINDER WITH MASSES

The spectrum of the noise reduction for the cylinder with a line of block masses of the
same mass, equal to W, = 1-43 kg, attached along the axial direction for 6,, = 0° and for
Xn, = L/2 +jL/16 with j =1, 2, 3, 4, 5, 6, 7 is shown in Figure 9. The faint line shows the
noise reduction for the cylinder without masses whilst the solid line shows the noise
reduction for the cylinder with the attached line of blocking masses. Very little effect is
achieved below 180 Hz; indeed, at very low frequency an increase in the sound transmission,
rather than a reduction, is shown. However, above 180 Hz the results are very good and
reductions of about 10 dB are found.

This type of reduction is very promising but a question which arises is whether this
reduction is due to the modifications of the cylinder mode shapes brought about by the
blocking masses or is just due to the increased total mass of the cylinder. The answer to this
question is given in Figure 10 where the noise reduction for the cylinder with a smeared
mass over the surface equal to 20 kg, which is the total of the 14 block masses is shown.
From this plot it is evident that, by smearing the equivalent total weight of the block masses
over the surface of the cylinder, very little benefit is achieved. Therefore, the reductions
shown in Figure 9 are indeed due to the modification of the cylinder mode shapes which
produces less efficient excitation of the structure and a less efficient weak-coupling between
the structural and acoustic modes.

50

Noise reduction (dB)

-50

—60 ! ! ! ! ! ! !
0 50 100 150 200 250 300 350

Frequency (Hz)

Figure 9. Noise reduction for the honeycomb cylinder with 14 masses (solid line) of 1-4 kg whose positions
correspond to case 4 of Table 6 and 0; = 0° and without masses (faint line) excited by a plane acoustic wave of unit
amplitude and incidence angle ¢; = 45°.
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Figure 10. Noise reduction for the honeycomb cylinder with a smeared mass of 20 kg over the cylinder lateral
surface (——) and without masses (——) excited by a plane acoustic wave of unit amplitude and incidence angle
¢; = 45°.

3.4. ONE-THIRD OCTAVE FREQUENCY BAND ANALYSIS

In this section the reductions of sound transmission to the cylinder interior due to the
blocking masses are summarized in one-third octave frequency bands. Together with the
analytical study of sections 3.2 and 3.3, a synthesis study is presented which provides an
engineering indication of the type of sound transmission reduction that can be achieved.

The noise reduction for the ith one-third octave frequency band has been calculated using
the following relation:

Wy

1
MRw) =
ui — Wi Jo,

where o,;, w; and o,; are, respectively, the centre, lower and upper frequencies of the ith
one-third octave frequency band, N; is the number of frequency samples used for the
discretized calculation of the ith one-third octave frequency band noise reduction and
Aw; = (0,; — @y)/N;.

The excitation considered in this section is still an harmonic plane wave oriented with
angles 0; = 0° and ¢; = 45°. Therefore, only the line configuration of the block masses has
been considered, because of their clear advantage in the reduction of the external coupling
between the incident plane wave and the cylinder modal response. Four different
distributions of the masses along the axial direction have been considered as described in
Table 6. The individual masses considered in each case all have equal weight, chosen in such
a way that the total added weight is always 8% of the cylinder weight. A fifth case of
a uniform cylinder, with 20 kg mass smeared on its surface, has been used as the benchmark
to evaluate the real advantage gained by the blocking masses. The calculation has
considered the first 15 one-third octave frequency band containing frequencies up to
703 Hz.

i 1 Ni
NR(w)do ¥ ———— Y NR(wy)dw;, (46)
Wy — Wy =1

i
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TABLE 6

Positions and mass of the blocking masses

Case No. of Masses Angular  Axial position with reference to the cylinder length
No. masses (kg) positions (rad) Xn = L/2 +jL/16

1 4 5 0 j=2,6

2 8 2:5 0 j=1,357

3 12 17 0 j=1,2,3,56,7

4 14 14 0 J=12345,67

5 20 kg smeared over the surface of the cylinder

3

Relative noise reduction (dB)

Third-octave band (Hz)

Figure 11. Difference between the noise reduction for the cylinder with additional masses and the cylinder
without masses when the cylinder is excited by a plane acoustic wave of unit amplitude and incidence angle
¢; =45°. 0, case 1; @, case 2; [, case 3; [, case 4; W, case 5.

Figure 11 shows the difference between the noise reduction for the cylinder with the
masses (cases 1-4) or with the smeared mass over the cylinder surface (case 5) and the noise
reduction for the uniform cylinder. In general, the results obtained indicate that the cases
with point masses tend to give greater noise reduction results than the case with a smeared
mass over the surface of the cylinder. For all configurations of the masses chosen, good
results are obtained for the frequency bands with centre frequency equal and higher than
160 Hz. In contrast for the bands with centre frequency 25 and 31-5 Hz the noise reduction
is lower when blocking masses or smeared equivalent mass are used than in the case of
a uniform cylinder. In general, the configuration giving best results is that of case number 4.

4. REDUCED ANALYSIS

The calculation of the coupled response of the cylinder and acoustic cavity, with blocking
masses attached, requires a relatively large number of summations both over the cylinder
modes and the cavity modes as can be deduced from equations (18), (25) and (44). This has
meant long computational simulations, particularly to get the noise reduction for the first
15 one-third octave frequency bands. A possible solution to this problem is the reduction of
the summations either over the acoustic or the structural modes. For example, the
expression of the square sound pressure at a given frequency o in equation (44) could be
reduced by taking into account only the acoustic modes (m,,n,, p,) whose natural
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frequencies wy,,,,, are within a band of centre frequency . This type of reduction of the
analysis will be referred to as “acoustic flagging”. Similarly, the summation of the structural
response in the (my, ny)th component, given by equation (25), can be reduced by taking into
account only the new structural modes (r;) whose natural frequencies w,, are within a band
of centre frequency . This type of reduction of the analysis will be referred to as “structural
flagging”. Likewise, the summation over the structural m; modes into equation (44) can be
reduced by taking into account only the modes that are strongly coupled to the acoustic
modes. This type of reduction of the analysis will be referred to as “coupling flagging”.

4.1. “ACOUSTIC FLAGGING”

The selection of the acoustic modes for the reduced analysis has been done with reference
to frequency-response considerations. From the plot of Figure 6 it is evident that the noise
reduction is characterized by a set of resonances which are determined by the “dominant”
acoustic modes. The acoustic modes are well separated and at each frequency the sound
pressure in the cavity is determined by a “dominant” mode whose contribution is much
higher than that of the “residual” modes. The parameter normally used to identify the
prevalence of the response due to a “dominant” mode compared to that of the “residual”
modes is the modal overlap M (w) [28]

M(w) = Adon(w), (47)

where Aw is the half-power bandwidth of any one mode at a frequency w, and n(w) is the
equivalent modal density, i.e., the average number of modes per unit angular frequency.
Therefore, for low values of the modal overlap, normally for M(w) < 1, the steady state
sound pressure in the cylindrical cavity at a certain frequency w can be approximated by
a set of modes with natural frequencies contained in a frequency band w — Ao < ,,
<o+ do.

Figure 12 shows a set of four plots where the noise reduction at frequency ® has been
calculated for the cylinder with four masses (case 1 of Table 6), taking into account the
modes with natural frequencies such that w — @; < Wy, < @ + w; where /27 = 5, 10,
20, 40 Hz respectively. Because a fixed frequency range has been taken into account, an
additional constraint of a lower number of modes to be accounted for has been added. In
this way, at low frequencies, where the modal overlap is very small, the frequency range for
the selection of the modes is enlarged and enough modes are accounted for the response. In
the four plots shown in Figure 12 the lower number of modes to be taken into account for
the response has been fixed at 6.

The simulations carried out indicate that an appropriate choice of the frequency range for
the selection of the modes used in the computation of equation (44), and of the lower
number of modes to be accounted for at each frequency, gives an accurate prediction of the
noise reduction in the whole frequency range 0-353 Hz. In particular, Figure 12 shows that
when the modes with natural frequency in a frequency band of + 40 Hz of the excitation
frequency and at least six acoustic modes are accounted for at each frequency, the calculated
sound pressure in the cylinder is almost the same as that calculated with the full formulation
at every frequency.

NaPa

4.2. “STRUCTURAL FLAGGING”

Similar to the acoustic flagging procedure, the structural flagging has been carried out
with reference to frequency response considerations. In the 0-353 Hz frequency range the
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Figure 12. Noise reduction for the honeycomb cylinder with four masses of 5 kg positioned at x = jL/8 with
j=1,3,5,7and 0; = 0° excited by a plane acoustic wave of unit amplitude and incidence angle ¢; = 45°. ——
complete analysis. : reduced analysis that calculates the acoustic pressure in the cylinder cavity at each
frequency considering only the acoustic modes with natural frequency within a frequency band of + 5 Hz (top
left), 4+ 10 Hz (top right), + 20 Hz (bottom left) and + 40 Hz (bottom right). A lower limit for the number of
acoustic modes accounted at each frequency is fixed to 6 in the four cases.

cylinder response, equation (25), is characterized by a set of resonances which are
determined by the “dominant” new cylinder structural modes. Therefore, also in this case
the modal overlap parameter criterion has been used to select the frequency band at each
frequency w that includes the natural frequencies of the new structural modes that mainly
contribute to the response of the cylinder. In conclusion, the steady state response of the
cylinder at a certain frequency w given by equation (25) has been approximated by a set of
new structural modes ry with natural frequencies contained in a frequency band
w—0; <O, <0+ 0.

Figure 13 shows a set of four plots where the noise reduction at a frequency ® has been
calculated for the cylinder with four masses (case 1 of Table 6) taking into account the
modes with natural frequencies such that w — w; < w,, < w + w; where w,/2r = 30, 40,
50, 60 Hz in the four plots respectively. Also in this case, because a fixed frequency range has
been used, an additional constraint of a lower number of 12 new structural modes has been
accounted for. In this way, at low frequencies, where the modal overlap is very small, the
frequency range for the selection of the modes is enlarged and enough modes are accounted
for the response.

The results obtained from the four structural flagging cases considered indicates that the
summation over the new structural modes r,, equation (25), can be limited to a much
smaller number of modes without unacceptably reducing the accuracy in the calculation of
the noise reduction in the whole frequency range 0-353 Hz. In particular, Figure 13 shows
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Figure 13. Noise reduction for the honeycomb cylinder with four masses of 5 kg positioned at x = jL/8 with
j=1,3,5,7and ; = 0° excited by a plane acoustic wave of unit amplitude and incidence angle ¢; = 45°.
complete analysis. : reduced analysis that calculates the acoustic pressure in the cylinder cavity at each
frequency considering only the cylinder modes with natural frequency within a frequency band of + 30 (top left),

=+ 40 (top right), + 50 (bottom left) and + 60 Hz (bottom right). A lower limit for the number of cylinder modes
accounted at each frequency is fixed to 12 in the four cases.

that when the new structural modes with natural frequencies in a frequency band of
+ 60 Hz and at least 12 modes are accounted for at each frequency, the calculated cavity
sound pressure is quite close to that calculated with the full formulation at every frequency.
This is true for all frequencies except those below about 30 Hz. At very low frequency the
sound pressure in the cylinder is very low and therefore there is a bigger sensitivity to the
“structural flagging”.
Comparing the results obtained for the two types of flagging it is evident that the
structural flagging requires a larger number of modes at each frequency. This is because the
modal overlap factor for the cylinder modes is higher than for the cavity modes.

4.3. “COUPLING FLAGGING”

A final possibility for reducing the number of summations in equation (44) is provided by
the summation over the structural mg modes that can be reduced by taking into account
only the modes that are strongly coupled to the acoustic modes. According to section 2.5 the
coupling coefficient of structural and acoustic modes is equal to zero C i{,‘:ma,1apﬂ(w) = 0 when
my=m,, m, + 2, m, +4,.... Also, the largest coupling coefficient is given by m, = m, + 1
and it progressively reduces for my = m, + o with o =3, 5, 7, ..., Olypax-

Figure 14 shows a set of four plots where the noise reduction has been calculated for the
cylinder with four masses (case 1 of Table 6) taking into account the structural modes of
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Figure 14. Noise reduction for the honeycomb cylinder with four masses of 5 kg positioned at x = jL/8 with
j=1,3,5,7and ; = 0° excited by a plane acoustic wave of unit amplitude and incidence angle ¢; = 45°.
complete analysis. : reduced analysis that takes into account for the calculation of the acoustic pressure in the
cylinder cavity related to each acoustic modes a limited number of structural modes with mg = m, + 1 (top right),
mg =m, + 1, 3 (top left), my = m, + 1, 3, 5 (bottom left) and m; =m, + 1, 3, 5, 7 (bottom right).

order myso that my=m, + I, my=m, + 1,3, my=m, + 1,3, Sand my=m, + 1, 3,5, 7in
the four cases. The ny, mode order is taken to be the same as the circumferential mode order
n, of each acoustic mode taken into account in the summation of equation (44). The results
of the simulations suggest that the value of the noise reduction, taking into account the
cylinder modes with axial mode order mg = m, + 1, 3, 5, is very accurate. In practice, even
by taking into account only the cylinder modes with axial mode order my = m, + 1, 3, the
calculated noise reduction can be considered to be acceptable.

4.4, NOISE REDUCTION USING ACOUSTIC, STRUCTURAL AND MODAL FLAGGING

Having assessed the limits for the frequency range and number of modes required to
implement the acoustic, structural and modal flagging a final analysis was performed where
the noise reduction was calculated for the cylinder with four masses (case 1 of Table 6). At
each frequency the acoustic modes with natural frequency included in the frequency range
+ 40 Hz with a lower limit for the acoustic modes equal to 6, the new structural modes of
the cylinder with natural frequency included in the frequency range + 60 Hz with a lower
limit for the acoustic modes equal to 12, and the cylinder structural modes of indexes
my =m, + 1, 3, 5 are taken into account in the summations of equations (25) and (44).

Figure 15 shows the noise reduction calculated either taking into account all the modes
(faint lines) or by implementing simultaneously the acoustic, structural and modal flagging.
The result obtained indicates that except at low frequency, there is good agreement between
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Figure 15. Noise reduction for the honeycomb cylinder with four masses of 5 kg positioned at x = jL/8 with
j=1,3,5,7and 0; = 0° excited by a plane acoustic wave of unit amplitude and incidence angle ¢; = 45°. ——:
complete analysis. : reduced analysis that consists of (a) an acoustic reduced analysis that considers at each
frequency the modes with natural frequencies in a band of + 40 Hz with a lower number of modes equal to 6;
(b) a structural reduced analysis that considers at each frequency the modes with natural frequencies in a band of

+ 70 Hz with a lower number of modes equal to 12 and (c) a mode reduced analysis that considers for each
acoustic mode a limited number of structural modes with my =m, + 1, 3, 5.

the two simulations. This result is even more relevant when one-third octave frequency
band analysis is carried out since the noise reduction is averaged over the frequency band so
that the small off-resonance mismatching shown in Figure 15 produces very little effect on
each value calculated for the one-third octave frequency band noise reduction.

The numerical calculations for the full or reduced models have been performed with the
same computer and in the same working conditions. The time required for the reduced
analysis has been calculated to be about 3% of the time required for the full analysis. In
general, the most effective flagging procedure is the acoustic flagging that most significantly
reduces the computational time. Structural flagging still requires a relatively large number
of modes and therefore is not as effective as the acoustic flagging. Finally, although the
coupling flagging can reduce the last term of equation (44) to few summations, it does not
give the same benefits as for the acoustic and structural flagging.

The possibility of reducing the analysis to a few summations over the acoustic and new
structural modes at each frequency gives the opportunity of calculating the noise reduction
at relatively high frequencies in a relatively short time. However, it must be pointed out that,
as the upper limit of frequency analysis rises, the modal overlap factor increases and
therefore the modes with natural frequency within a larger frequency band have to be
accounted for as the frequency rises. When analysis up to higher frequencies are required it
would be ideal to derive an algorithm able to vary the band width for selection of the
acoustic and new structural modes at each frequency. This is certainly a more efficient way
of reducing the analysis, that should allow the numerical calculations up to several
one-third octave frequency bands.
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5. CONCLUSIONS

The study presented in this paper has investigated the sound transmission for incident
harmonic plane waves to the interior of a honeycomb cylinder filled by air. In particular, the
effects of blocking masses placed on the surface of the cylinder has been investigated in
order to access the possibility of reducing the external coupling (acoustic plane wave
excitation—cylinder response) and internal coupling (cylinder vibration—cavity response)
of the system.

For the purposes of this study a modal interaction analysis (MIA) has been developed
which is valid in the low-intermediate frequency range and allows the steady state acoustic
response of the cavity to be calculated at discrete frequencies for harmonic external plane
waves. In this way, the noise reduction at discrete frequencies within one-third octave
frequency bands has been evaluated.

The study has considered a set of cases where block masses, with total weight equal to 8%
of the cylinder weight, are attached to the cylinder. The simulations carried out show
a substantial reduction of the sound transmission in many of the first 15 one-third octave
frequency bands. The blocking masses act by modifying the orientation and shape of the
cylinder normal modes. In particular, the circumferential re-orientation reduces the
coupling mechanism between the incident acoustic field and the cylinder modes.
Alternatively, the variation of the structural modes shape, both in the axial and
circumferential directions, reduces the coupling between the cylinder modes and the
acoustic modes of the interior.

Also, the number of structural and acoustic modes required to predict accurately the
sound transmission to the cylinder cavity has been investigated. In particular, the effect of
neglecting off-resonance acoustic and structural modes has been considered. It has been
shown that in order to have an accurate prediction of the sound transmission it is necessary
to take into account the acoustic and structural modes with natural frequencies within an
interval of + 40 and + 60 Hz of the excitation frequency respectively. Also, the simulations
carried out have shown that, in order to represent correctly the coupling effect between the
structural and acoustic modes, for each acoustic mode of order (m,, n,, p,) it is necessary to
account only for the structural modes with n,=n, and mg=m, + a with o =1, 3,
5, i, Olax-

Finally, it has been found that the time required to compute the sound transmission,
for a practical example, in a frequency range of 0-353 Hz with the minimum
number of acoustic and structural modes required to compute an accurate response at
each frequency, can be reduced to 3% of that necessary for the computation of the full
response.
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APPENDIX A: NATURAL FREQUENCIES AND NORMAL MODES
OF A CYLINDRICAL CAVITY

The acoustic natural frequencies of a cylindrical cavity are derived from the solution of
the homogeneous acoustic wave equation in terms of the acoustic pressure p:
V2p — pjc* = 0; where p is the second partial derivative with respect to time and V2 is the
Laplacian operator with reference to cylindrical co-ordinates x, r, §. Assuming harmonic
time dependence of the form p = pyexp(jwt), the homogeneous Helmoholtz equation
V2po + (w/c)®po = 0 is obtained which has infinite solutions that could be written in the
form pun.pe = Poanape (% 7> 0) €XP(§Omanipe ) Ponanap (X, 1, 0) are the cavity normal modes and
Omanap. are the correspondent natural circular frequencies in (rad/s). For absorbent walls the
normal modes and the natural frequencies are complex. However, for a cylinder with rigid
walls and closed ends the normal modes and natural frequencies are real and are given by
the following relations [26]:

m,mx
Dnape = cos< ”L

and

METTX

> cos(naQ) Jna(/lpana R/Rl) (Dmanapa = COS ( > Sin (nag) Jna (;“Pana R/Rl)

(A1, 2)

12" m‘%nZ 1/2
comunulh,:c(]‘é“.2 + 2 ) , (A3)

where the two equations (A.1,2) for the normal modes are required to represent the even and
odd circumferential mode shapes. The terms 4,, are given in reference [26] and J,, is the
Bessel function of the first kind and order n,.

The modes of equations (A.1,2) are normalized such that

Dala

L r2n PR; 2 a() ) 3 I/cav )
Jd)z(x,r, 0)dV = f J J {COS " }smzmnz J2(Zpm R/R)R dR d0 dx = ; 321 Gpm)
vV

0J0 0 Sin2}’la9 L
(A4)
and f=2ifn,=0o0r f=4ifn, #0.

APPENDIX B: NOMENCLATURE

B.1. NOTATION USED FOR THE MODES

mg=1,2,..., M axial structural mode number for the cylinder

n,=0,1,..., N circumferential structural mode number for the
cylinder

rs=1,2,...,R; structural mode number for the cylinder with
block masses

m,=0,1,...,M, axial acoustic mode number for the cylinder cavity

n,=0,1,...,N, circumferential acoustic mode number for the
cylinder cavity

P.=0,1,....,P, radial acoustic mode number for the cylinder
cavity

u, v, w in-plane (axial), tangential and flexural (normal to

circumference) components of the structural mode
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MgmX

7 > cos(nb)

Vs = sin<

. [(mgmx .
‘I’m,\.ns—sm< Ln >sm(n39)

P. GARDONIO ET AL.

even and odd structural modes

(pmanapa = COS <mfx> cos(n,,O) Jna(/lpana R/Rz)

MTTX
¢munapu = Cos L

@msns(rs; ¢) = COS(nSQ)e—jksx

I
H,
T
pmsns ([) > qm:ns (t)

Amxnx Bmsnx CMxns

B.2. PHYSICAL PARAMETERS

k. = (w/c)cos ¢
k. = (w/c)sin ¢

L
My = (p1ts + pata + pst3)S;

Viaw = TR?L
Vwall = TE(R? - RLZ)L

i

Hmanapa

nmdls

Nstr

MaNapa

A, =1/AM .y,

even and odd acoustic modes

) sin(1140) J (2 pune R/R;)

acoustic pressure distribution on the external
cylinder surface

position on the internal surface of the cylinder
Hankel function of the first kind and nth order
Bessel function of the first kind of order n,
generalized co-ordinates of the even and odd
structural modes

relative contributions of the wu, v and w
displacements in the “new” structural mode

absorption

speed of sound

infinitesimal element of the cylinder surface

thickness of the cylinder wall

axial wave number

normal wave number

length of the cylinder

mass of the cylinder

mass per unit area of the cylinder with honeycomb wall
external and internal radius of the cylinder

external surface area of the cylinder

internal surface area of the cylinder

thickness of the external faceplate, internal faceplate and
honeycomb core

volume of the cylindrical cavity

volume of the cylinder wall

angle of incidence of the external acoustic field to the x-axis of
the cylinder

modal loss factor for the cavity

modal loss factor for the cylinder vibration (the acoustic
damping effect due to the cavity is also taken into account)
structural loss factor of the cylinder wall

circumferential co-ordinate (in rad)

angle of incidence of the external acoustic field to the
circumferential co-ordinate 0 of the cylinder

circumferential co-ordinate (in rad) of the blocking masses
coefficient for acoustical modes of a cylinder, from table 6. 2 of
reference [26] (these data are stored in a matrix whose row’s
correspond to values of p, and whose columns correspond to
values of n,)

acoustic modal mass

modal mass for the structural modal summation
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P1, P25 03 density of the external faceplate, internal faceplate and
honeycomb core

Pa density of air

Pe = Meyi/ Vears average density of the cylinder wall

w frequency (rad/s)

Omanapa natural frequency of the (m,,n,, p,)th acoustic mode of
a cylindrical cavity with rigid wall (rad/s)

O natural frequency of the (mj, ny)th structural mode considering
a honeycomb cylinder (rad/s)

Wy, natural frequency of the rgith structural mode considering

a honeycomb cylinder with applied mass(es) (rad/s)
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